Foreword

20 years ago, in 1978, the LUK Symposium was launched.

At that time LuK resolved not only to offer our customers delivery
performance, quality and creativity, but to develop our work within a
theoretical and conceptual framework. In partnership with the motor vehicle
manufacturers, we decided to establish a long term basis for recognition

and discussion of trends in vehicle drive train technology.

The original concept has proven successful, which is illustrated by the large
number of participants, both from Germany and abroad, attending this

year.

This document, detailing the lectures from the 6" LuK Symposium furthers

our vision of technical developments in this field.

We look forward to an open discussion with our valued customers.

Ernst H. Kohlhage






Contents

The Self-Adjusting Clutch SAC of the 2" Generation 5- 22
Chatter — Causes and Solutions 23 - 45
Clutch and Operation as a System 47 - 68
The Dual Mass Flywheel 69 - 93
Automation of Manual Transmissions 95 -121
The Torque Converter as a System 123 - 156

CVT Development at LuK 157 - 179






The Self-Adjusting Clutch SAC
of the 2"? Generation

Dipl.-Ing. Karl-Ludwig Kimmig

Introduction

The self-adjusting clutch (SAC) has proven itself in almost 1 million
vehicles. in particular vehicles with large engines, the actuation of the
clutch is achieved far more comfortably with the SAC. In addition, the goal
of having a clutch which lasts the entire service life of the vehicle was also
achieved with the SAC.

Despite the additional expense of the SAC, the total costs for the clutch
system (clutch + release system) were actually reduced in several cases,
for e.g., by:

» Elimination of a hydraulic booster
* Reducing the clutch size
» Standardizing clutch types and actuation system

» Eliminating one over-center spring



Figures 1 and 2 illustrate an overview of the current SAC applications and
the expected development up to the year 2000.
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Figure 1: Trend in the number of SAC applications
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Figure 2:  Distribution of SAC projects
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The following summary can be made from the experience gained from the
production projects:

» The SAC has a high functionality and functional reliability.

* The system can be manufactured without problems in mass production,
despite the high demands of detail parts such as springs, adjuster
rings, clutch covers and cushion segments, as well as having a more
complex function.

 The introduction of the SAC significantly reduces pedal effort in
comparison to conventional clutch assemblies. However, the possibility
of drastically reducing pedal effort has not yet been fully exploited with
the production designs, due to the clutch modulation and tendency to
judder.

Ideas have been considered in previous years on how the SAC can be
further improved, with regard to pedal effort and torque increase
characteristic curve. In addition, there is extensive development potential to
reduce the material and manufacturing costs with comparable functionality.

The various solutions are described in greater detail below.

Description of the SAC (Self-Adjusting Clutch)
Function

With conventional clutches, the actuation force increases with increased
facing wear. With the SAC, the facing wear is compensated for means of a
wear adjusting system, so that there is no change in the actuation force.

The SAC differs from the conventional clutch by adjusting the position of
the diaphragm spring during wear (Figure 3). The adjustment occurs such
that the angle position of the diaphragm spring, and hence the actuation
and clamp load, remain constant regardless of wear (primarily facing wear).
In order to realize this wear compensation, the main diaphragm spring is
not permanently riveted to the clutch cover or mounted with keyhole tabs,
as with conventional clutch assemblies, but is only retained axially against
the cover by a defined force (sensor force). A ramp ring, which extends into
the ramp of the cover, is located between the diaphragm spring and the
clutch cover, and is rotated by the coil springs.
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Figure 3: Comparison of a conventional clutch to a SAC

The sensor force is sized such that it can normally resist the actuation
force. When the actuation force increases because of wear to the facings
and the sensor force is no longer sufficient as a counter force on the main
diaphragm spring, the main diaphragm spring moves axially away from the
cover contact position, towards the engine. The resulting play is
compensated by the preloaded ramp mechanism mounted between the
diaphragm spring and the clutch cover. The adjustment procedure lasts
until the actuation force has dropped to the sensor force, i.e., to the desired
level, and the original diaphragm spring angle position is again achieved.

Figure 4a and 4b schematically illustrates the procedure of wear
adjustment by the forces acting on the diaphragm spring.
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Figure 4b: SAC new and worn, before and after wear adjustment

In Figure 4a, the diaphragm spring of a conventional clutch is permanently
seated symbolically at the rotation point. Due to its shape, the diaphragm
spring supplies a torque, which is overcome via the actuation force on the
diaphragm spring fingers during the actuation (rotation) of the diaphragm
spring. The angle position of the diaphragm spring changes during wear,
which causes an increase in the diaphragm spring torque and the actuation
force due to the characteristic curve typical of a diaphragm spring.

With the SAC, the diaphragm spring -in contrast to the conventional
clutch - is not permanently seated, but is only supported axially via the
sensor force (Figure 4b). In the new condition, there is a force equilibrium
between the sensor force and the actuation force. During wear, the
actuation force increases and presses the diaphragm spring to the left,
against the sensor force, so that the spring preload is relieved on the ramp
on the right side of the diaphragm spring and it can then readjust. At the
end of the adjustment procedure, the diaphragm spring again assumes it's
initial angle position and there is a force equilibrium between the sensor
force and the actuation force.



SAC Actuation Force Characteristic Curve

With the SAC as it is currently used in a wide variety of vehicles in
production, the pedal effort was reduced significantly and hence the clutch
comfort was increased in comparison to the conventional clutch.

The actuation force curve is, however, somewhat unfavorable with the SAC
because there is a greater system-related difference between the
maximum and minimum actuation force. Hence it is necessary to adapt the
release system to the modified actuation force characteristic curve.
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Figure 5: Comparison of the actuation force characteristic curve of a
conventional clutch to a SAC

The reasons for this specific actuation force curve can be explained by the
force equilibrium on the clutch diaphragm spring. If a free-body diagram of
the diaphragm spring is made (Figure 6), it can be seen that the force of
the cushion deflection (F¢), the leaf springs (F.) and the sensor diaphragm
spring (Fsps) on the one side acts to counter the actuation force (Fa) on
the other side. The sum of the facing, leaf and sensor spring forces can be
designated as the total sensor force (Fs), which limits the amount of
actuation force. If the actuation force becomes greater than the total
sensor force during clutch release, which occurs during wear, the
diaphragm spring is pressed away from the clutch cover (ramp ring) and
the ramp mechanism can readjust.
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Figure 6: Forces on the main diaphragm spring in the SAC

In Figure 6, it is evident that the actuation force can exceed the total sensor
force basically at two points over the actuation travel. The first point is the
wear adjustment point. This point is in the range where the cushion
deflection force is almost zero. The adjustment for wear occurs at this
point. During continued release stroke, there is a second point (the
overtravel adjustment point), at which undesired adjustment occurs. At
maximum actuation stroke, there must be sufficient reserve to the
overtravel adjustment point. This can only be ensured if the actuation force
minimum is significantly lower than the total sensor force and / or overtravel
can be avoided by a stop integrated into the cover.

From the current perspective, there are two technical options that can be
realized with the SAC: there can be greater flexibility in the actuation force
characteristic curve and the actuation forces can be further reduced.
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SAC with Compensation Spring

A relatively simple way of generating an actuation force characteristic curve
on the clutch, that is as flat as possible, is by adding a spring with a linear
spring characteristic curve which is riveted onto the clutch cover. The
compensation spring increases the minimum actuation force - related to
the actuation force curve - and thus leads to a flatter total characteristic
curve.
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Figure 7:  SAC with compensation spring

The compensation spring, as shown in Figure 7, directly affects the release
bearing and only influences the actuation force characteristic curve and not
the inner forces of the clutch. Hence, the adjustment mechanism and the
adjustment function of the SAC are not influenced. Due to the migration of
the diaphragm spring finger toward the engine during wear, the maximum
actuation force remains almost constant only up to approximately 1.5 mm
facing wear. If there is more wear, e.g., at 2.5 mm, the actuation force
increases slightly by approximately 10%.
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Figure 8: Actuation force characteristic curves with compensation spring

Without a compensation spring, the same function can also be achieved
via diaphragm spring fingers that are seated deeper. When actuating the
clutch, the deeper seated fingers contact the cover stop after reaching the
maximum actuation force and are elastically stressed during further
actuation.
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Figure 9: Comparison of the SAC with deeper seated fingers and SAC
with compensation spring
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SAC with Sensor Force Increase over Release Travel

Adding a compensation spring produces a flat actuation force curve by
increasing the minimum actuation force. It would be better, however, to
lower the maximum in order to achieve lower actuation forces in general.

This can be achieved if the total sensor force increases over the release
travel after the adjustment point, by changing the tuning of existing spring
elements, such as the main diaphragm spring, the sensor diaphragm
spring and the leaf springs.
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Figure 10: Actuation force characteristic curve for decreasing and
increasing total sensor force

The effect is illustrated in Figure 10. Based on the force equilibrium on the
diaphragm spring, the maximum actuation force is reduced while the
overtravel safety and the minimum actuation force remain the same, if the
total sensor force increases between the wear and overtravel adjustment
points. The total sensor force between the wear and overtravel adjustment
points decreases slightly in the current SACs, because the leaf springs
relax with increasing actuation travel or lift.

It is possible to achieve an increasing sensor force in this range if leaf
springs with degressive characteristic curves are used, instead of the leaf
springs having linear characteristic curves.

Corrugated leaf springs maintain a degressive characteristic curve if they
are fixed tightly to the clutch cover on both ends and if they are deflected in
the center by the pressure plate. This causes a shap effect that is
dependent on the corrugation.
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Figure 11: Leaf spring configuration with linear and degressive
characteristic curve

The sensor force increase along the release travel is enhanced further, if
the sensor diaphragm spring with increasing force characteristic extends
radially further in at the diaphragm spring fingers instead of at the rotation
point of the main diaphragm spring (Figure 12).
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Figure 12: Sensor force increase via the sensor diaphragm spring

In comparison to the current SAC, an additional decrease in the actuation
forces of 20-30% is possible. The drop in the actuation force characteristic
curve (drop off) can be reduced by 50% by using leaf springs with a
degressive characteristic curve and is thus comparable to conventional
clutches.

The solutions presented thus far allow for a further reduction in the
actuation forces, which is advantageous, for example, for high-torque
engines or electric motor clutch actuation. There are a large number of
applications (small vehicles), however, for which there is no need to reduce
the actuation force when the clutch is new. Yet the SAC has the following
advantages that are desirable even for these applications:

» constant actuation force over the service life

* higher wear reserve

* less axial installation in the diaphragm spring finger area

without significant cost increases in comparison to the conventional clutch.

For this reason, reducing costs in the further development of the SAC is a
priority.
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Reducing Costs

To implement wear adjustment in a clutch, a wear sensor and an
adjustment mechanism are necessary. Hence, the SAC requires the
following additional components or component modifications in comparison
to a standard conventional clutch:

» Sensor diaphragm spring

» Adjuster ring

* Ramps in the clutch cover

» Caoil springs to rotate the adjuster ring

In addition, assembly of the SAC is more costly in comparison to a
conventional clutch.

sensor DS

adjuster ring

coil springs

Figure 13: Additional components for the SAC

Efforts were made to reduce the number of additional parts and to combine
multiple functions in the single components.

Two methods are described below:
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Sensor Force From Leaf Springs

The total sensor force in the wear and overtravel adjustment points is
determined essentially from the force of the sensor diaphragm spring and
leaf springs in the SAC. Both spring forces are tuned such that the sum of
both spring forces remains constant along the wear travel (e.g. 2.5 mm).
Since the leaf spring force increases during facing wear, due to increased
preload, the sensor diaphragm spring force must drop as the wear travel
(preload path) increases. Therefore, the sensor diaphragm spring must
have a degressive characteristic curve. The sensor diaphragm spring force
can act on any point of the main diaphragm spring for the wear adjustment
function, so the sensor diaphragm spring can also be replaced by leaf
springs with a degressive spring characteristic (see Figure 14).
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Figure 14: Sensor force from leaf springs

Since the sensor force in this design acts on the pressure plate, the
diaphragm spring force is reduced. This must be maintained in the
diaphragm spring design. In addition to the lower cost, this self-adjusting
clutch is advantageous in that it requires less axial installation space
because the sensor diaphragm spring is eliminated.
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Sensor Force from the Main Diaphragm Spring

The necessary sensor diaphragm spring force can also be applied by
individual, appropriately formed, diaphragm spring fingers. Thus the main
diaphragm spring is supported against the cover with a defined force
(sensor force) (Figure 15).
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Figure 15: SAC with sensor force from the main diaphragm spring

During clutch wear, the increased actuation force again pushes the
diaphragm spring away from the cover so that the wear can be
compensated for between the diaphragm spring and the cover.

So that preload of the sensor tabs remains constant, the contact on the
cover must be configured as a ramp and the diaphragm spring must rotate
in relation to the cover during wear. The torque for the main diaphragm
spring rotation results from the radial movement of the sensor tabs on the
tangentially-sloped cover ramp, when the clutch is actuated.
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Figure 16 Sliding movement of the sensor tabs on the cover ramps

Since with this principle, the diaphragm spring rotates relative to the cover
during wear, the coil springs, which generate a propulsive force on the
adjuster ring in the SAC, can be eliminated. The adjuster ring must
therefore be connected to the diaphragm spring so that the ring cannot
rotate relative to the diaphragm spring.

In comparison to a conventional clutch, only a ramp ring is added in
addition to the complicated diaphragm spring for the SAC II. However, the
diaphragm spring retainer bolts and the pivot rings are eliminated.

Speed fluctuations in the drive train and particularly the irregularity of the
engine, create varying torques on the diaphragm spring, which can lead to
undesired adjustment in the SAC Il. Hence, the SAC Il is primarily
unsuitable for any clutches in which the mass moment of inertia of the
diaphragm spring must be kept at a low value.
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Summary

The wear-adjusting clutch, SAC, has been implemented in the meantime in
numerous high-torque engines with clutch sizes 0O 200 - 00 300 mm. In
addition to the description of the basic function, this presentation has
served primarily to illustrate further development potential.

The development goals are to lower further the actuation force, i.e.,
optimize the actuation force curve, and to reduce the costs.

Options and advantages for the various developments are:
SAC with compensation spring

» More favorable actuation force characteristic

SAC with increasing sensor force

* Lower actuation force

» More favorable actuation force characteristic

SAC with sensor force from leaf springs

* Lower costs

SAC with sensor force from main diaphragm spring SAC Il
* Lower costs

The SAC still has great potential for further development and with its
additional advantages will be utilised in the future, in the lower vehicle
class.

21



Literature

[1] Patent application DE 195 10 905

[2] US patent 5,450,943

[3] SAE Presentation 1992 “LuK Self-Adjusting Clutch”
[4] LuK Colloquium 1994

[5] Albers, A.: Self-adjusting Clutch (SAC) and Dual Mass Flywheel (DMFW) to Improve
Drive Train Comfort, VDI Reports 1175, p. 153 — 168

[6] Patent application DE 43 22 677

[7] Patent application DE 43 06 505

[8] Patent application DE 44 18 026

[9] de Briel, SAE 960981: Self-Adjusting Technology in a Clutch

[10] Patent application DE 42 39 289

[11] VDI Volume No. 1323, March 1997: Selbsteinstellende Kupplungen fur Kraftfahrzeuge

22



Chatter - Causes and Solutions
Prof. Dr.-Ing. Albert Albers

Dipl.-Ing. Daniel Herbst

Definition of Chatter

Vibrations that arise during the slip phase of the clutch in the drive train of
a motor vehicle and are generated in the clutch area should by definition be
included under chatter. This definition is consciously kept general; it makes
no statement on the causes of the vibrations. It is also used by other
authors [1].

With an engaged clutch, the drive train can also vibrate in a frequency
range similar to a true chatter. This “pseudo-chatter” can be caused by
extreme lagging, defective engine mounts or a clunk in engagement and is
often mistaken for true chatter.

Causes and Manifestations of Chatter

Chatter is caused when a periodic torque change is generated in a slipping
clutch, whose natural frequency range is similar to that of the drive train
dynamically separated from the clutch. The first natural frequency of
passenger car drive trains is between 8 and 12 Hz under these conditions
and thus with an engine speed of approximately 480 to 720 rpm (with a
1% order of excitation).

The drive wheels convert the rotating vibrations of the drive train to a
longitudinal vibration of the vehicle. The chatter is expressed as a vibration
in the longitudinal direction of the vehicle and is transferred via the
operating elements and driver's seat. The driver senses unpleasant
vibrations (see Figure 1), which can also be connected to noises.

In the resonance range, even the smallest excitation amplitudes are
enough to cause strong vibrations in the drive train. Hence, for example,
certain drive trains with a maximum transferable clutch torque of 500 Nm
can excite vibration amplitudes of 1 Nm, or 0.2 % (!), and generate clearly
detectable chatter.
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Figure 1: Causes and manifestations of chatter

Physical Causes of the Types of Chatter Vibrations
There are two different types of chatter vibrations that can occur:
» self-induced chatters (friction vibrations)

e pressure-induced chatters

The self-induced chatter is caused by a friction coefficient change with
regard to the slip speed. Figure 2 shows a pseudo-model of this: a body is
pressed on the belt by its own weight. Friction arises between the body and
the belt. When the belt is set in motion, it takes the body with it because of
the static friction, and deflects the spring. Above a certain spring deflection,
the body remains still because the spring load corresponds to the static
friction. There is a relative motion between the body and the running belt. If
the dynamic friction coefficient of the contact becomes less than the static
friction, the friction load suddenly decreases and the spring draws the body
back over the belt until there is adhesion once more and the body is drawn
forward once again. The process begins again from the beginning - the
body vibrates.
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Figure 2: Pseudo-model for self-induced vibration

A vibration can thus only occur when the dynamic friction coefficient is
lower than the static friction coefficient or the dynamic friction coefficient
drops with increasing slip speed, because otherwise a stationary balance
develops. If the dynamic friction coefficient decreases with increasing slip
speed, the friction contact also acts as a stimulant, since the friction load
- which counteracts the spring load - decreases when the slip begins and
the body is accelerated more strongly via the spring load.

The characteristic size in this case represents the friction coefficient
gradient. It is defined as the increase of the friction coefficient over the slip
speed:

,_ dy

pl_dAv

There are three possibilities (see Figure 3):

1. The friction coefficient decreases with increasing slip speed: Energy
is supplied to the system during connection, i.e., it is excited. This case
was discussed.

2. The friction coefficient is independent of the slip speed: The friction
contact behaves neutrally, the body immediately adopts a stationary
state of balance.

3. The friction coefficient increases with increasing slip speed: The
friction contact dampens because during back swinging, the slip speed
and thus the friction load increases, which brakes the body. Energy is
thus drawn from the system (at uy > pg). The body adopts a stationary
state of balance here as well.
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Figure 3:  Principle friction coefficient curves

Pressure-induced chatter is the result of an outside impulse source with
periodic excitation. The belt model can be useful here as well to
understand the excitation mechanism (see Figure 4). A periodically
changing normal force affects the body shown in the diagram. The current
spring load also changes due to the changing friction load between body
and belt and thus the equilibrium of the body on the belt. The body vibrates
on the belt with the excitation frequency. If this frequency is the same as
the natural frequency of the body-spring system, it results in resonance
magnification and thus in large body vibration amplitudes. Naturally the
pressure-induced chatter can also occur with neutral friction coefficient
behavior, because it is excited by outside force modulation. The damping
effect of the friction coefficient increasing with the slip speed naturally
occurs again, because it counteracts an increase of the vibration
amplitudes near the resonance.
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F(t) = F-sin(wt)

Figure 4: Pseudo-model for forced vibration

Chatter in the Vehicle

Measurement and Evaluation of Chatter

Occurrences of chatter in vehicles can be recorded through measurement
and subjective evaluation.

With objective measurement, an acceleration sensor near the driver (e.g.
on the seat rail) records the longitudinal vibrations of the vehicle. At the
same time, the speeds of the transmission input and engine are measured.
Figure 5 illustrates measurements of the longitudinal acceleration of the
vehicle (upper diagram) and of the engine and transmission speed (lower
diagram). The advantage of this process is that the measurement is
independent of driver sensation.

However, a subjective rating of the chatter by an experienced driver using
an evaluation system is indispensable. The driver can rate the vehicle from
1 to 10, for example, whereby a 10 is an absolutely chatter-free vehicle.
This subjective evaluation has the advantage that it reflects the driver’s
sensation of the vibration and noise. Only this subjective sensation is
relevant to the customer. Because of the overall increasing demands for
comfort and the great improvements in the area of vehicle noise and
vibration behavior (NVH) in recent years, the chatter assessment becomes
more and more critical. The evaluation scale has changed. Naturally the
limited selectivity and the dependence on individual evaluators must be
taken into consideration with subjective evaluation. Statements must
therefore be supported with basic statistical research. Correlation of
acceleration measurements and subjective evaluation is possible by
approximation. The vehicle-independent, objectively comparable
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measurement of chatter vibrations with actual correlation to the subjective
sensation, however, has not been fully solved thus far.

- T2 m/s?
_ e
§-4 e " nﬁf\l VU N
= A ANV /)
2 A
2 AN
o J v i \
2000/min— 1 ——- - o _—_.., _
I _ _ 1=
T r——— ] : = /
b ———engine e
2 11000/min e nmﬂ J*'Uv_ <
- NVY]
, mhvnvmr\/\’w fransr-'nission
LA ll =|

Figure 5: Forward vehicle acceleration (above), engine and transmission
speed (below)

Developing Models

A vehicle’s drive train can be represented by a torsional vibration chain
consisting of rotating mass and couplings (springs, dampers and friction
contacts). A pseudo-model, suitable for simulation, can be generated from
six rotating masses (see Figure 6).
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The important influencing variables are:
* engine (axial crankshaft vibrations)
* clutch with actuation,damping in the drive train

» overall transmission elements between the drive train and vehicle (tires,
wheel suspension, etc.)

» vehicle layout (as inert mass)

» transfer from the vehicle to the driver (seat, etc.)

clutch
engine disc transmission wheel vehicle driver

Eaw L e e

\/ | — — H —
torsion drive tires,
clutch damper train axle seat

Figure 6: Six-mass model

The simulations represented in the following paragraphs were carried out
with the program “TORS” [3], which was developed by LuK. In this
program, rotating masses are connected with coupling elements, like
springs, dampers and Coulomb friction. The simulation models reflect the
chatter-triggering excitation mechanisms in the clutch area, and reproduce
the suspension and damping qualities, as well as the natural frequencies of
the drive train. This allows detailed parameter variations of the clutch and
drive train. Individual parameters can be purposefully modulated without
additional disruptive influences. The good correspondence between
simulation and measurement data is shown in Figure 9 and Figure 10.
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Self-Induced Chatter (Facing Coefficient Gradient Chatter)

As explained above, self-induced vibrations occur when the friction
coefficient decreases while engaging during the slip phase with increasing
slip speed in the friction contact. The friction coefficient is thus negative.

The friction coefficient gradients of today’s facings lie between py' = 0 s/m
and W' =-0.015 s/m. Figure 7 illustrates real friction coefficient curves of
clutch facings. It becomes clear that the friction coefficient gradients that
are discussed and relevant here are very low and may in no way be
evaluated with the excessive increases often used in principle
representations (see Figure 3).

With some newly developed facings, positive gradients have already been
achieved. In practice, however, the “chatter-sensitive” facings with certain
operating conditions also have a decreasing friction coefficient and thus
have the potential for excitation. On the other hand, there is no damping-
free drive train. For this reason, there is always a certain remaining
damping, so that a facing with only a slightly decreasing friction coefficient
can lead to an overall chatter-free vehicle. For vehicles built at this time
with drive train damping, a slightly negative friction coefficient gradient of
KW' =-0.002 s/m is not critical (see Figure 7). If the friction coefficient
increases strongly in the relevant slip speed range, damping occurs that
can even eradicate the pressure-induced chatter. For this reason, a
strongly positive friction coefficient gradient is the goal.

But even in such cases, the relationship can suddenly reverse itself when
oil, grease or water enter the friction contact. The effect of moisture can be
explained as follows: at high slip speeds, more heat is generated in the
friction contact. Steam bubbles form, which allow the friction surfaces to
float. Thus the friction coefficient is reduced. Rust-protection coating with
sodium nitrite that was used formerly, prevents sticking, but is hygroscopic.
Particularly after long periods of inoperation in humid weather, strong
chatter can sometimes occur, because the water of crystalization is
suddenly freed. After a few drives, the water evaporates and the chatter
disappears again. Because the sodium nitrite is only used on the surfaces,
this effect no longer occurs on facings that have been used longer. It may
be surmised that a similar effect could occur with oil or grease
contamination as with water.
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Figure 9 shows the simulated torsional vibrations on the transmission input
at friction coefficients of u’'=-0.010 s/m and at p’' =-0.005 s/m. With a
more sharply decreasing friction coefficient, it is apparent that the
amplitude surges further, until it is limited by the engine speed. At friction
coefficient gradients of p’ = - 0.005 s/m, the drive train damping and facing
excitation maintain near equilibrium. In comparison, the nearly identical
measurement data shown in Figure 10 represent a chatter vibration
induced by the friction coefficient.

Pressure-Induced Chatter

Variations in components and crankshaft axial vibrations lead to periodic
clamp load fluctuations and thus to periodic torque fluctuations. The results
are pressure-induced vibrations.

In order to generate a pressure-induced excitation, at least two deviations
must exist.

This can be explained with a simple model (see Figure 11). A component
deviation - here represented as a lifting of the pressure plate — which
rotates with the drive speed n; and slips on the drive-side clutch disc with a
relative speed (see “above”, “below” in Figure 11), still does not cause a
clamp load change. If a second deviation is introduced - represented as
angular displacement - the clamp load fluctuates during the slip phase
according to the position of the pressure plate relative to the drive-side
clutch disc. The output speed n; is thus irregular.

The engine speed-dependent chatter can be caused by axial crankshaft
vibrations or the out of perpendicular of the diaphragm spring and skewed
release of the clutch via the release system (see Figure 12). The frequency
of the pressure-excitation is derived from the absolute engine speed.
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Figure 11: Model observation for pressure-induced chatter

For each combination of the different geometric disruptions
» absolute (engine) speed-dependent

» speed differential dependent

* transmission speed-dependent

chatter can be induced.

A release bearing travel of As = 0.01 mm at a maximum transferable clutch
torque of Mmax = 500 Nm leads to a torque change of approximately 1 Nm
(see Figure 13). A deviation of the pressure plate travel has an even
stronger effect (see Figure 14). The chatter excitation increases with the
same geometric disturbance with the transferable torque. More powerful
motorized vehicles also usually have more danger of chatter.
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Engine speed-dependent chatter can occur during the entire drive-off (see
Figure 15).

Figure 12: Geometric disturbances in the clutch system with actuation:

» Axial vibrations of the pressure plate (yellow)

» periodic finger movement of the diaphragm spring (blue)
* support on the release bearing (green)

» skewed lift-off of the pressure plate (yellow)

» skewed lift-off of the clutch disc (red)

» positive deviation of the drive shafts
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T 500 Nm O As= 0,01 mm OAM =1 Nm

250 Nm OO As=0,01 mm OAM = 0,5 Nm

transferred torque

I
0mm release bearing travel 5 mm

Figure 13: Clutch torque / release bearing travel dependence

N 500 Nm

- 250 Nm

transferred torque

|
—
mm pressure plate travel Imm

o

Figure 14: Clutch torque / pressure plate travel dependence

Chatter dependent on the speed differential is elicited by deviation in
parallelism on the clutch pressure plate, deviations in the clutch disc and
angular displacement between the crankshaft and transmission input shaft
(see Figure 12). It only leads to chatter during engagement when the
speed differential between the clutch disc and pressure plate is within the
resonance range (see Figure 16).
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Chatter dependent on transmission speed only occurs with deviations
dependent on both engine and speed differential. It represents the most
harmless of all three pressure-induced forms of chatter, because the
resonance range is only completed with very low speed difference, shortly
before the clutch closes (see Figure 17).

The deviations normally move within the (sometimes very narrow)
determined tolerance ranges in a static distribution and have mutual
influences.

The pressure-induced chatter is thus to be seen above all as a static
problem, as two possible extreme cases should make clear:

» All components deviate only slightly from the ideal values. The effects
of the deviations, however, happen to build up and generate a strong
chatter.

e Some deviations are on the tolerance border. The effects, however,
happen to increase, and no chatter is generated.

speed

 transmission

=1 Nm!

time

Figure 15: Chatter dependent on engine speed (measurement data)
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Figure 16: Chatter dependent on slip speed (measurement data)
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Figure 17: Chatter dependent on transmission speed (simulation)
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Influence of the Drive Train Damping

High damping in the drive train reduces the chatter amplitudes with
pressure-induced chatter. In the case of facing chatter, high drive train
damping can eliminate chatter almost completely (see Figure 18), if the
damping value outweighs the excitation from the facing. The drive train
damping of recent vehicles is between 0.05 and 0.10 Nms. It is, however,
based largely on friction (transmission, bearings, seals, etc.) in the overall
drive train. Because of this, however, the friction losses are also higher.
Since the general trend in vehicle design is toward increasing efficiency
and lowering fuel consumption, the damping in the drive train decreases
more and more and the chatter sensitivity increases. As an example,
Figure 19 illustrates the chatter ratings of two higher-class vehicles of the
same type, but of different model years, whose system chatter excitation
was the same. The clear deterioration of the chatter rating and the
measured longitudinal vibration with the same chatter excitation shows the
increasing chatter sensitivity.

This connection should be considered in the specification for new vehicle
models. In particular, the best solution must be found in early overall
observations of the vehicle and its drive train, because a general
optimization of the clutch does not lead to a technical and economically
defensible result.

engine
AARARARABARNARARARARA

D = 0,05 Nms 4

speed

D =0,10 Nms L

u transmission

time

Figure 18: Consequences of different drive train damping based on the
example of the facing chatter with u” = -0.010 s/m (simulation)
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Figure 19: Comparison of old and new models of the same type

Transfer of Vibrations to the Body

The vibrations of the drive train are transferred to the vehicle body.
Transfer elements are in order of the flow of force (see Figure 20):

* engine mounts

e transmission bearings
» drive shaft bearings

o tires

* axle suspensions

In several measurements, the transfer relationship between the drive train
and the layout of different vehicles was determined. Apparently the transfer
function is dependent on the vehicle weight. Otherwise, it is influenced by
the elements named above, which are usually made of rubber compounds.
The transfer function is thus non-linear.

Defective bearings (mainly engine mounts and drive shaft bearings)
substantially increase the tendency toward chatter.
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With tires (see Figure 21), contact with the roadway comes into play as
another important factor (tire contact surface). The torsional and
longitudinal vibration dynamics of the drive train has often not been
considered enough thus far. There is still research potential here for the
near future. Research projects at the Institute for Machine and Vehicle
Design are being conducted about the problem.

Finally, it should be mentioned that even the vehicle seats have a large
influence through higher or lower damping characteristics and thus
influence the subjective sensation.

The complete cataloging of the chatters and their effects on the driver can
only succeed through further improvement in the simulation models and
through observation of the “human” transfer function.

drive shaft bearings

transmission
bearings

axle suspensions
engine mounts

Figure 20: Transfer elements between drive train and vehicle body
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Figure 21: Transfers to the tires

Countermeasures and their Limits

Friction Coefficient

A friction facing with an increasing friction coefficient curve over the slip
speed has damping characteristics. Mass-produced friction facings,
however, exhibit no such behavior over the entire temperature range.

If the friction coefficient gradient in the relevant slip speed range exhibits a
clearly increasing positive curve, chatter can be completely avoided. If such
a friction facing is successfully developed, the pressure-induced vibrations
could also be reduced. No more detectable chatters would occur.

The development of dry-running friction facings with limited positive friction
coefficient gradients should therefore be advanced. For this to occur, an
exact physical and chemical understanding of the friction pairing in the
clutch is necessary.

Further Restriction of the Production Tolerances

With a further restriction of the production tolerances, only the vibrations
caused by geometric component deviations decrease. This method makes
the production process more expensive because multiple tolerances that
influence the chatter must be considerably reduced in order to obtain the
desired result. These measures can only lessen the chatter but not prevent
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it, as long as a facing with chatter-sensitive quality is used, because the
pressure-induced chatter can only be reduced in this way.

With today’s clutches, a pressure plate typically has a straightness value,
measured at a particular circumference, of 0.1 mm. A reduction in this
value means a considerable additional production expense, due to surface
grinding, for example.

Softer Cushion Deflection

A softer characteristic curve of the cushion deflection in the clutch disc
leads to a lower deviation of the clamping force with geometric deviations
of the contact elements, and also of the transferred torque (see Figure 22).
It is thus possible for given geometric deviations to reduce the chatter
excitation generated in this way. The softer characteristic curve can only be
realized in some areas with attention to the geometric relationships and the
final increasing clamping force. The effects on the other system
relationships must be considered.

soft

force

Figure 22: Friction facing curves
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Damping in the Drive Train

High damping in the drive train can entirely eliminate the facing chatter and
reduce the pressure-induced chatter. A damping increase, through higher
viscosity transmission lubricants, for example, is not realized because it is
not effective enough.

The chatter vibrations occur only during the slip phase of the clutch. Thus it
is worth considering integrating a switchable vibration damper. An
electronically controlled eddy current brake would be conceivable here. The
development is nevertheless made difficult by the specification guidelines
(installation, weight, cost).

Countermeasures on the Assembly Side

The pressure-induced chatter can be effectively reduced on the assembly
side. Here, all measures are significant that generate components with the
natural tensions and deformities within tolerances. The force-free screwing
down of the pressure plate can - as many concrete applications can prove -
improve the geometric disturbances in assembled clutch systems.

Summary

Chatter occurs only during the slip phase of the clutch and is divided into
two different types:

» self-induced facing chatter induced by the friction coefficient

» pressure-induced chatter as a result of component deviations and axial
vibrations

The significance of the facing chatter is decreasing because the facings
are getting better. For this reason pressure-induced chatter occurs more
often, because the drive train damping of modern vehicles is falling for
efficiency reasons and thus ever-smaller deviations in the torque in the
clutch area lead to chatter problems in the vehicle. In addition, engine
performance is increasing on average, whereby the clutch must transfer
more torque and thus the torque deviations increase. Finally, due to
increasing comfort demands and the clear improvement in the vehicle’s
general noise and vibration behavior achieved in recent years, sporadically
occurring small chatter becomes more relevant to the customer.

The chatter vibrations are influenced not only by the clutch and the
actuation system itself, but also by the engine, the drive train and the drive
shaft, the axle suspension and the vehicle layout. All transfer elements
influence the chatter sensitivity and must be considered.
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A chatter-insensitive clutch without additional new components or
assemblies is possible with today’s technology if:

» the facing has an increasing friction coefficient gradient
* asoft cushion deflection is built in

» the production tolerances are logically restricted

* natural tensions are avoided in assembly

Understanding the causes, transfers and effects of chatter vibrations in
relation to the entire vehicle system must still be further improved through
research in order to avoid or protect against chatter in the development of
new vehicles now.

Finally it must be determined that chatter cannot be prevented long-term
through isolated measures on one part of the vehicle - such as for example
the clutch - but only through observation and tuning of the entire vehicle
system.
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Clutch and Operation as a System
Dipl.-Ing. Matthias Zink

Dipl.-Ing. René Shead

Introduction

New technologies and increasing demands for comfort, require increased
total system thinking, also in the area of clutches and clutch actuation. In
addition, the automotive industry requires system suppliers in this area,
who can optimize the functional chain in practical ways.

LuK has taken on the task of understanding the theory of the clutch
operation, including the dynamics, and of improving it from the pedal to the
transmission input.

This presentation will examine the individual load transferring components
and how the driveaway performance is improved by tuned interaction and
how the actuation force can be reduced.
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General Goal

The clutch manufacturer is required to develop an optimal pedal solution
with the clutch parameters (Figure 1).

engine v \/ ,: vehicle

coupling

Figure 1: Clutch / operation set-up

For the driver, this should provide a vehicle with a clutch that is guaranteed
to have

» flawless release behavior,

» favorable actuation pedal force and pedal travel characteristics,

* noise- and vibration-free actuation, and

* agood modulation behavior during driveaway and shifting.

The clutch manufacturer can only influence a part of the major parameters
to meet the above demands.

Hence, it is apparent that optimal function is only achieved if the entire
functional chain is considered.
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Z |::> Black Box

Figure 2 : Previous consideration of the release system by the clutch
manufacturer

Only if all part functions of the clutch system are tuned to one another in a
practical way and if the influences from the engine and chassis are
considered, can a first class overall function of the clutch system be
expected.

The overall view must be guaranteed by this system consideration, which
was complicated thus far by the different requirements of the car
manufacturers for the engine, transmission and chassis.

#-

Figure 3: Consideration of the release system by LuK

The previous black box "release system" (Figure 2) should be broken
down, with the intent of better exploiting the potential of clutch and
actuation and hence of optimizing the system overall.

Therefore, a few years ago, LuK established a team of five engineers who
took on this task and determined a series of new effects. The most
important parameters to influence the entire system will be summarized
below.
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Elasticity in the Clutch / Operation System

Figure 4 illustrates the travel transmission function “release travel over
pedal travel” of an actuation system. The ideal curve as well as a
measurement at room temperature (green line) and in warm operating
conditions (red line) are shown; deviations from the ideal curve represent
the travel losses of the release system. The increased elasticity of the
release system as a function of the temperature leads to a significant shift
in the clutch separation point towards the end of pedal travel.

.~ ideal
-
2
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-
=3 warm
£
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g
©
(%]
(1]
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0 —>
0 150
As

pedal travel [mm]

Figure 4: Measurement of the release travel when cold / warm

The transmission function of the entire release system can essentially be
described by a single ratio and elasticity.

In order to determine the loss portions of the individual actuation
components, as well as the dependence of these losses on temperature,
the representation illustrated in Figure 5 was used for the entire system
analysis.

The travel losses on the pedal (x axis) present for the defined release force
on the clutch (y axis) are shown here. Hence, for maximum release force,
the loss travel increases from 30% of the total pedal travel to 55% in warm
conditions.
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Figure 5: Elasticity’s (reduced to pedal travel, cover stiffness not shown)

The illustration of individual elasticity’s, reduced to the pedal travel, shows
which elasticity’s influence the total travel loss the most.

Depending on the quality of the system, the travel loss amounts to up to
half of the pedal travel. The components (diaphragm spring fingers, release
fork) located on the high force level and low ratio stage have the most
influence on the position of the coupling points, hence on the beginning of
the torque build-up and on the separation behavior. At the same time, it is
apparent how the elasticity’'s change due to temperature. In the above
example, the components — slave cylinder and hydraulic line — exhibit the
most potential for improvement.

With this illustration, it is possible to usefully evaluate the different
elasticity's in the mechanical system, the semi-hydraulic system and the
central hydraulic system.

A comparative consideration can also be made with the frictions in the
entire system. The combination of both considerations allows for the study
of the influences of force and travel hysteresis.
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Vibrations in the Clutch / Operation System

There are more ways to identify pedal vibrations and actuation noises (e.g.,
eek, whoop, scratch, etc.) than for almost any other phenomenon. This
provides a clear indication that the types of excitation and the vibration
transmission are numerous for this type of complex system.

Examples for excitations of vibrations in the system clutch and operation
are:

» Axial or bending vibrations from the crankshaft and flywheel
* Unperpendicular release bearing

» Vibrations of the engine-transmission assembly

* Alignment between engine and transmission

e Actuation alignment

To understand the entire vibrational system, to separate the various
influence variables and to be able to represent the corresponding remedies
in both computation and practice, the entire system was set up as a
vibration model at LuK.

crankshaft cover
flywheel

|:| M/V\N |:| VAVAVAVAVA |:|

hydraulic path

- A pedal
spring slave hydraulic
pressure plate \ fingers cylinder hose / pipe

Figure 6: Vibration model

In the following case, this model provides information that is representative
of many problems that can be solved in this way.

A strong, high-frequency and pedal travel-dependent actuation noise
occurred in one vehicle.
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A natural frequency analysis of the vibration model results in a
correspondence of the cover natural frequency and the frequency of a
standing wave in the fluid column of the hydraulic travel, which leads to
good noise transmission in the release system.

Mass: 1 2 3 4 5 6 7 8 9

Natural form cover f= 1100 Hz

Natural form hydraulic path f= 1100 Hz
| | | | | | A
| ! ! ! |w T

Figure 7: Natural modes of the release system

The natural mode of this standing sound wave in the fluid corresponds for
a mechanical system to a string clamped on both ends.

Figure 8: Natural mode of a clamped string

Theoretically, this can be avoided by detuning the two frequencies, thus by
changing the cover stiffness or the length of the hydraulic line. In the above
case, the steel hydraulic line was lengthened by approx. 20 cm, which is
the simplest solution. This solution completely eliminated the actuation
noises, without having a negative effect on the elasticity in the release
system.
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This example illustrates how vibrations, that are excited and transmitted in
the clutch and release system, can be described and how improvements
can be developed using the simulation program. The critical areas of the
individual components were shown. For the pressure plate for example, the
simulation program also considers a release travel-dependent natural
frequency, because of the surrounding springs. Remedies can be provided
depending on the problem by using a “soft connection” for the pressure
plate.

The effects of the crankshaft dynamics (axial and bending vibrations) or
excitations from out of perpendicular release bearings (“slanted position of
the diaphragm spring”) result in reactions on the clutch that are recognized
in the timeframe through simulation and thus, can also be prevented.
Hence, it is possible to depict the influences of friction and damping. The
simulation makes it possible to design the damping elements in the
pressure plate as well as to define the friction and damping equipment in
the hydraulic or mechanical actuation system.

The “rapid engagement” procedure can also be simulated. In addition to
friction and damping, the distribution of the masses and ratios in the
release system play a decisive role here.
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Clutch Modulation During Driveaway

Changes to the driving profile due to a higher proportion of city driving or
traffic jams, or major changes to the entire vehicle, lead to a critical
evaluation of the driveaway performance in many vehicles, particularly at
idle.

Significant changes to the entire vehicle that stress the clutch and release
system layout with regard to modulation are:

» Small capacity, super-charged engines that reach a high maximum
torque, but have low idle torque.

* High maximum engine torque’s result in high clutch torque’s and high
release forces.

» Lowering the idle speed as well as reducing the engine-side rotating
masses decrease the flywheel energy during driveaway.

* New injection technologies (particularly for diesel engines) change the
engine speed stability during driveaway.

» Clutch systems with reduced forces offer potential in assembly
standardization, in the area of clutch and release systems with lower
release system ratios.

* The introduction of longer axles results in an increase of the effective
vehicle mass reduced to the transmission input shaft.

An added difficulty is that vehicles have predominantly been subjectively
classified as having either good or poor driveaway performance, because
there were no objective parameters and insufficient measurement and
simulation options to describe the driveaway characteristics.

Problems during driveaway are generally attributed to the clutch because it
connects the “rotating engine mass” and the “standing vehicle mass”. The
factors influencing driveaway characteristics and how these factors can be
measured and evaluated using measurement and simulation, will be
illustrated below.
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The factors involved in driveaway can be classified as shown in Figure 9:

driver

release system

clutch

transmission
drive train

vehicle

Figure 9 : Influencing parameters during driveaway

In practice, the clutch is almost always proven to be a part of the
influencing variables. Various measurement and simulation options were
developed at LuK in order to better understand, evaluate and effect positive
changes in the individual factors and their interactions.

The driveaway performance of three vehicles will be compared and studied
as an example of this systematic procedure. Three different vehicles with
similar piston displacement, but with different actuation systems, are used.

To conduct this study, the vehicles A, B and C are broken down into their
corresponding sub-systems (clutch, release system, engine, vehicle).

First the clutch is considered. This corresponds to the current “classic”
scope of the task of a clutch manufacturer with regard to its options for
influencing driveaway characteristics.
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Figure 10 : Clutch torque as a function of the release travel

Figure 10 illustrates the three fundamental clutch torque curves (A / B / C),
which all lead to the same maximum clutch torque with the same release
travel.

Clutch C is shown here as having the steepest characteristic in the torque
range (< 150 Nm) that is decisive for driveaway. Clutch A is shown having
the shallowest. Hence, clutch A would initially be classified as the easiest to
control.

These three clutches were installed and measured in the corresponding
vehicles.

pedattravet

traction force

olutait torque

engine speed \

angine snead
aluteh torgue

padal travel

Figure 11 : Determination of characteristic values during engagement to
describe the release system

To determine the influence of the actuation system, the clutch is engaged
by a spindle unit, which acts upon the clutch pedal; the vehicle is fixed by
means of a load cell. This load cell records the torque build-up of the clutch
as a function of the pedal travel, which is influenced accordingly by the
ratio and the elasticity of the release system. As this measurement is
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taken, the engine speed is also measured. The engine behavior as well as
the level of the stall torque attained when closing the clutch at different
speeds while in idle provides information about the quality of the engine
and the engine control.
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Figure 12: Clutch torque over release travel and pedal travel

Figure 12 (right) illustrates curves A, B and C of the three different clutches
with the applicable release systems in the vehicles. The curves show the
modulation travels for the clutch torque on the pedal. All three curves are
standardized to the same engagement point, and thus all have the same
pedal travel at zero torque. The curve runs over the pedal travel up to the
“STALL torque” attainable at idle, at which point the engine stalls. This
value is indicated as a bold dot.

System A still shows the shallowest torque curve over the pedal travel. The
torque curves B and C are practically identical along the pedal travel due to
the higher release system ratio of vehicle C.

Hence, systems B and C now pose identical requirements on the driver
and on the engine, although the applicable clutches are laid out very
differently along the release travel (see Figure 12, left).

The engine influences result from the STALL torque achieved. Vehicle C
has the highest engine torque available at idle. Vehicle B reaches only half
this value, therefore stalls more easily during driveaway.
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pedal speed

Figure 13 : measurement of driveaway characteristics

This is confirmed by the driveaway measurement (Figure 13), in which the
clutch is engaged by a spindle unit connected to the clutch pedal. The
vehicle, however, is not fixed. The limit engagement speed [mm/s]
determined in this test - at which the vehicle is still able to drive away at
idle - provides a characteristic value upon which vehicles could be
compared objectively with regard to driveaway performance.

Studies conducted so far on 20 different vehicles at LuK show that a good
subjective evaluation (> Rating 6) is achieved after a limit engagement
speed of 25 mm/s. At higher limit engagement speeds, the vehicle drives
off without any problems.

vehicle
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Figure 14: Comparison of the clutch torque, pedal limit speed
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Figure 14 illustrates the maximum engagement speeds possible on the
clutch pedal of the three comparison vehicles. Vehicle C was subjectively
rated with Rating 10, vehicle B with Rating 3, vehicle A with Rating 7. This
corresponds to the characteristic value achieved in the driveaway
performance test. The result is initially surprising because a better
driveaway performance had been expected in vehicle A than in vehicle C,
based on the clutch characteristic curves. This further proves that it is
wrong to design the individual components without considering the entire
vehicle.

The band width from 5 mm/s to 60 mm/s, i.e., from rating 1 to rating 10, for
all of the pedal limit speeds measured so far on different vehicles shows
that there is a need for action here.

The information obtained from these measurements is sufficient to
systematically compare vehicles and to dispose of the subjective evaluation
technique.

In order to replicate the behavior of the real driver and of the real actuation
speed on the clutch pedal, basic observations were carried out at LuK. The
extent to which ergonomic considerations and the characteristic of the
pedal force curve influence the engagement process were studied.

The following experiment comes to mind (Figure 15).

Figure 15 : Simple ergonomic consideration

Although equal displacement forces are required in both cases, in the
seated position on the left, subjectively less exertion is required than on the
right. From this biomechanical perspective, the “controlled variable” neces-
sary for actuation in the following consideration was not assumed to be
pedal force on the foot, but rather the torque at the hip point.

To this extent, the driver's leg is thus a part of the release system. The
weight of the leg acts as a preload on the pedal.
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A study on the driver seat position is illustrated in Figure 16. The compa-
rative consideration of two different seat positions shows the extent to
which this torque can be influenced by ergonomic considerations for the
same pedal force characteristic. Seat position 1 leads to a sharp drop-off in
the torque characteristic curve. It is easy to imagine that the driver cannot
modulate the pedal with this sharply dropping or rising gradient as well as
with a horizontal torque curve.

Therefore, the seat position must also be considered in the future.
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Figure 16 : Simple driver model

All of the influential parameters described for engine speed control via the
clutch, the release system and up to the drive train were combined by LuK
into a single simulation program. The reliable torsion vibration calculation
program was used as the basis. This allowed for an important step to be
taken in the simulation of real driveaway processes. With this simulation
tool, it is now possible to vary and evaluate each of the factors that
influence the driveaway performance listed in Figure 9.
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Figure 17 : Simulation model of the driveaway process
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Figure 17 illustrates the individual program modules. The friction coupling
depicts the interface between the engine and the vehicle. Hence, it
represents the function of clutch, release system and driver. Elasticity’s,
ratios and frictions of the release system are integrated at this point.

The clutch is thus closed by the driver or by a spindle system (see
measurement) at the pedal with “pedal travel over time” input. This function
can also assume any characteristic, for example, the influence of force and
travel hysteresis on the driveaway performance, during reversal of the
pedal movement direction, can be realized.

The engine speed control can be achieved in two different ways. The
speed can be controlled by means of a Pl or PID regulator or the speed
can be controlled by means of the real engine map. In this case, the
controller is subject to the dependencies on the throttle position, speed and
torque that are specified in the map.

Currently, the data to replicate the engine controls in the simulation model
on the vehicle are obtained by a simple test. To do this, the reaction of the
engine is measured when subjected to defined torque jumps, similar to the
tractive force measurement in Figure 11. Furthermore, this allows for a
comparative consideration of the engine controls independent of the clutch.

Figure 18 and Figure 19 illustrate two examples. The quality of the engine
control can be determined from the engine’s reactions to the torque jumps.

Figure 18 shows strong engine speed oscillations after each torque jump.
The engine in Figure 19 exhibits short breaks in the speed, however,
adjusts immediately thereafter.

63



1000 + + 200
€

=

E

hel zZ
q) e
(0] (]
o >
« o
2 S
=)

c

()

0 +4= ; . . 0
0 10 20 30 40
time [s]
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Figure 19 : Identification of an idle controller (Vehicle 2)
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Of course, the engine control with all of its special cases can only be
mapped and influenced with limited accuracy. However, concrete
suggestions on how the driveaway characteristics of a vehicle can be
improved can be made based on the simulations.

The other influences from the drive train and release system can be
simulated very precisely and can be evaluated with regard to their
influence.

Several examples are illustrated in Figure 20 to Figure 22. A real vehicle
was used as the basis. Three different engine controls were simulated for
the variations.

The limit engagement speed on the clutch pedal (PGEG), which is shown
as the y-axis in the bar chart, was evaluated. The limit engagement speed
should lie above the limit value of 25 mm/s so that the engine will not stall
too easily during engagement.
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Figure 20: Variation of the clutch torque curve
Figure 20 illustrates the influence of different clutch torque curves. In this

case, even the very shallow torque curve in characteristic curve a could
only have been managed with the control parameters of controller Iil.
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Figure 21: Variation of the reduced vehicle mass

Figure 21 illustrates the influence of the vehicle mass reduced to the
transmission input shaft. The translational vehicle mass was converted
along with the transmission and differential ratio as well as with the rolling
radius of the tires, into a rotary mass. In particular, a “long axle”, which
leads to high reduced vehicle mass moments of inertia, leads to driveaway
problems here insofar as this was not compensated for by other
parameters.

Figure 22 illustrates the influence of the engine side rotating masses on a
vehicle’s pedal limit speed. The lower the engine-side rotating mass, the
less centrifugal energy available for the driveaway process.
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Figure 22: Variation of the engine-side rotating mass
These examples should illustrate that the effect of all of the important

parameters were included in the simulation and that predictions can thus
be acted upon.
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Summary

The experiences in recent years at LuK show that a rigid separation of the
clutch and the release system cannot lead to an optimal, technical solution.

Only by carefully analyzing all of the elements involved in the flow of force
from the clutch and release mechanism and considering specific vehicle
and engine data, is optimal function of the clutch ensured. A system
consideration is almost mandatory.

In the future, project management should be arranged for all clutch
optimizations and new designs so that all of the elements in the functional
chain are tuned properly with one another.
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Dual Mass Flywheel
Dr.-Ing. Wolfgang Reik
Dipl.-Ing. Roland Seebacher

Dr.-Ing. Ad Kooy

Introduction

The first mass-produced dual mass flywheel (DMFW) in automotive history
went into production around 1985. A brief historical review (Figure 1) shows
the development of the DMFW. In the beginning, unlubricated dampers
were used, which had heavy springs located far to the outside that
exhibited wear problems. Around 1987, the first grease-lubricated DMFWs
were used and service life was no longer an issue.

The introduction of the arc spring damper was a breakthrough for the
DMFW in 1989 that solved almost all of the DMFW resonance problems at
once. In addition, costs were continually reduced [1-4].Initially, the primary
flywheel mass was a casting or forged steel. Later, the metal-forming
specialists at LUK were successful in forming all of the parts except for the
secondary flywheel mass from formed sheet metal parts. To increase the
primary mass moment of inertia, folded masses were developed from
sheet metal (1995). This formed the basis for broad usage of the DMFW.
This intensive detail work paid off with a large increase in DMFW
production (Figure 2).

With an estimated production volume of approximately 2 million DMFWs
for 1998, the noise and comfort behaviour of every fifth car with manual
transmission in Europe will be improved by the DMFW. Figure 3 illustrates
the allocation according to engine displacement and gasoline / diesel
engine class. It is apparent that engines with more than 2.0 liter engine
displacement, particularly gasoline engines, are predominantly equipped
with DMFW. The use of DMFW for mid-size engines only began a few
years ago. There are currently only a few projects for engine displacement
less than 1.6 liter.
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Figure 1: Development history of the DMFW
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Figure 2: Development of DMFW production for German car
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LuK expects that in a few years the saturation will be similar for at least
mid-size engines as it is today for powerful engines because a DMFW
shows its advantages in all vehicles. It has not been used thus far in
smaller cars due to its high costs.

Hence, a critical point in the development of DMFW is reducing costs. A
later part of this presentation will cover this issue.

Advantages of the DMFW

Although not everyone wants the DMFW due to the costs, the achievable
improvements are so clear that it is being used extensively in large
vehicles. The most important advantages will be outlined below.

Isolation from Torsional Vibrations

The primary feature of the DMFW is the almost complete isolation of
torsional vibrations. This has been discussed extensively in earlier
presentations and will only be summarized here.

Figure 4 illustrates the angle accelerations at the transmission input for a
conventional system with a torsion damper in the clutch disc (left) in
comparison to a DMFW (right). With the torsion damper in the clutch disc,
there is no significant vibration isolation achieved at low speeds.
Resonance can be avoided by selecting appropriate damping.

conventional system DMFW
)
=. 200001 1
(] .
S engine
EL
engine
S 100001 9 ]
2
® transmission
% transmission
8 ——
«S 0 T T 1 T T 1
]
?,, 1000 2000 3000 1000 2000 3000
8 speed [rpm] speed [rpm]

Figure 4: Comparison of vibration isolation of a conventional system to a
dual mass flywheel
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In contrast, the DMFW almost completely filters out the engine irregularity.
Resonance generally no longer occurs in the driving range. Gear rattle no
longer occurs due to the almost uniform operation of the secondary
flywheel side and thus also of the transmission input shaft. Annoying
droning can also be almost completely eliminated.

The irregularity of the engine itself becomes greater with DMFW because
the primary flywheel mass is lower than the conventional flywheel mass
with a clutch. Therefore, the accessory drive must occasionally be retuned.
The smaller primary flywheel mass also has advantages, as will be
presented later.

Good vibration isolation, particularly during low-speed driving, often leads
to low-consumption operation, which saves fuel due to the predominantly
low engine speeds used. Many modern engines with a relatively flat torque
curve favor this consumption-reducing operation.

Transmission Relief

Another positive effect results from the transmission relief. The drive train
and hence also the transmission are relieved of stress due to the
elimination of engine irregularities.
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Figure 5: Increase of the actual effective torque in the transmission due
to the engine irregularity
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Figure 5 illustrates the wide open throttle characteristic curve of a typical
diesel engine. For a conventional drive train, the additional dynamic
torques as a result of the irregularity are superimposed. Depending on the
speed, they can generate more than 10 % additional load.

The DMFW almost completely eliminates the additional high-frequency
torques. Since the transmission is relieved, a higher static torque can be
transferred, particularly with diesel engines with DMFW (figure 6).

gasoline diesel
conventional 100 % 100 %
DMFW 105 % 110 %

Figure 6: Increase of the transmission load capacity when using a
DMFW. The load capacity for the conventional drive train is
assumed as 100 % for both gasoline and diesel vehicles.

Crankshaft Relief

The DMFW permanently alters the vibration system of the crankshaft. In
the conventional system, the heavy flywheel including the clutch is rigidly
connected with the crankshaft. The large inertia of the flywheel generates
high reaction forces on the crankshatft.

The DMFW system behaves more favorably because the secondary
flywheel mass can be disregarded for the bending load. It is only very
loosely connected via the torsion damper as well as via the roller bearing to
the primary flywheel mass and therefore generates practically no reactions.

The primary flywheel mass is much lighter than a conventional flywheel and
is also elastic, like a flexplate for a torque converter.

Inherent bending and torsion resonance forms change with the DMFW in
comparison to a conventional system. The crankshaft is mostly relieved.

74



Figure 7 illustrates a measured example. Both torsion and bending
vibrations are lower with the DMFW. In individual instances, it must be
decided whether the crankshaft damper can be omitted or if a simpler
material can be used for the crankshaft, such as a casting.
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Figure 7:  Reduction of the torsion and bending vibrations in the
crankshaft using DMFW

LuK recommends that these opportunities for optimization be used in
further vehicle developments. This could generate considerable savings.
LuK is convinced that there are no additional costs from the DMFW if the
secondary effects are taken into consideration.
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Warranty

One of these secondary effects is the warranty. The DMFW was designed
in the beginning to last the entire life of the engine. The replacement parts
deliveries for the DMFW are actually few. Hence, the DMFW is a fully
developed component for automotive drive trains.

Figure 8a illustrates the field complaints for a vehicle with a conventional
drive train. Apparent is the disproportionately high number of complaints in
the clutch area for which the clutch is not the actual cause. This is
attributed to the fact that frequently, clutch discs are replaced along with
the entire clutch because the customer complains about transmission
rattle. Hence, the garage, which has no solution, replaces the entire system
to pacify the customer. Generally, the replacement was not successful.
Therefore, clutch discs were sometimes changed multiple times. Since not
only the costs for the replaced parts, but also the numerous high
disassembly costs were often covered at the company’s expense, there
were exorbitant warranty costs, which transferred to the total production
and partially added to the costs for the new clutch parts.

field 15000 PPM
complaints =
— scope (clutch not o0.k.)
e.g. misuse
— no error detectable (clutch 0.k.)
e.g. gear rattle, body boom
LukK —F
share 90 PPM

Figure 8a: Field complaints for a vehicle with a conventional drive train

The DMFW has put an end to this custom (Figure 8b). The complaints of
this type have dropped so significantly that attention can finally be given to
the actual cases of damage. Likewise, on site studies can be conducted
instead.
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Figure 8b: Improvement in field complaints after using a DMFW

A few manufacturers are already considering this cost effect in the
economic calculation if the issue is whether or not a DMFW should be
used.

The DMFW is a mature product, but there is still further development
potential.

Two aspects shall be discussed below.

Engine Start

The problem of resonance breakthrough when starting the engine was a
primary issue from the very beginning of DMFW development. The good
vibration isolation of the DMFW during driving operations was achieved in
that the resonance frequency was shifted into the range below idle speed
by the large secondary flywheel mass.

With each start of the engine, however, it must pass through the resonance
frequency. This can lead to torques that are too high due to large inertias.
The development of the DMFW was therefore characterized by a constant
battle against resonance amplitudes.

It is known that resonance amplitudes are greater the higher the excitation
from the engine. Hence, diesel engines with only four or even three
cylinders place the highest demands on a DMFW. Every type of damping,
such as basic friction, load friction devices, and arc spring friction has a
favorable effect. Since these damping factors can diminish the isolation in
varying degrees, naturally there are limits.
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We have, however, received significant assistance because many newer,
electronically controlled engines have an improved starting behaviour. The
starting torque of the engine has turned out to be a determining factor that
is significant for the formation of resonance. That is the torque with which
the engine accelerates from the starter speed. The faster the resonance
speed is passed through, the less the inertias can begin to vibrate.

Figure 9 illustrates simulations of a poor starting behaviour as speed over
time.

1500 7

1000 —

i1

0 TV [
0 0.5 U Vl

time [s]

engine speedl| [rpm]

Figure 9: Poor starting behaviour (suspended start)

The cases (as in Figure 9) in which the engine remained in the resonance
for a longer period of time or that did not even rev up on their own power
are all critical. This is always the case if the engine power at starting rpm is
so low that the entire energy is sapped by the highly vibrating system and
there is no energy left over for rewving up. This condition is also designated
as suspended start and must absolutely be avoided with the DMFW
because the long-lasting high amplitudes can cause mechanical damage to
the components.

Figure 10a illustrates several start simulation calculations compiled in a
matrix. The starting torque increases toward the top and the torque
amplitude increases toward the right.

The matrix clearly shows how the engine starts well at higher starting
torques and even manages for highly irregular engines.

78



starting torque [Nm]

20

200 300 400 500
torque amplitude [Nm]

Figure 10a: Influence of torque amplitude (irregularity) and starting torque
on the starting behaviour

— — - starter remains in position below the resonance speed
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Figure 10b: Border lines for a good (upper left) and a poor (lower right)
starting behaviour
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Between this good starting behaviour and an unacceptable starting
behaviour, there is a diagonal separation line, which is repeated again in
Figure 10b. The range that is safe for starting lies above the separation
line.

If the starter remains in position above the resonance speed, then the
starter is prevented from immediately going out of position again by briefly
tipping the ignition key. This results in a still more favorable condition. The
limit between a good and a bad starting behaviour shifts downward to
smaller starting torques. The large starter inertia (reduced on the
crankshaft) reduces the irregularity of the engine.

Many modern engines exhibit a starting torque of 70 - 80 Nm, whereas only
approximately 40 Nm were customary earlier. Therefore, current DMFW
concepts also work without problems for many three cylinder engines
although these problems seem critical from the viewpoint of irregularity.

The starting behaviour can be improved by the measures cited in
Figure 11.

* High engine starting torque

e Starter up above resonance speed left in position

» High starter speed

e Damping (friction hysteresis in the DMFW)

* High primary flywheel mass

« Small secondary flywheel mass

» Flat spring rate of the rotation damper
Figure 11: Measures to improve the starting behaviour
In the early years of DMFW development, the high load of the components
from the resonance breakthrough was a primary issue. Since the
components had large dimensions in comparison to a conventional clutch
disc, the flange for example, another cause for excess torque was
recognized relatively late. Only as the occurrences of resonance were
gradually improved and when attempts were made to design the

components somewhat smaller for cost reasons was it discovered that a
sudden load generated similarly high peak torques.

When the clutch was engaged very quickly, impacts occurred if there was a
great difference between the speeds of the engine and the transmission
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shaft. These types of quick engagements occur during very sporty, fast
shifting, but also during incorrect operation, such as slipping from the
clutch pedal.

The result is illustrated in several phases in Figure 12. The rotational
movement of the drive train is depicted as a linear model to obtain a better
overview.

Assuming that the two flywheel masses of the DMFW, which are coupled
together via the DMFW torsion damper, move toward the right at a high
speed and the remaining drive train stands still, the clutch is closed
suddenly. The secondary flywheel mass is thus quickly slowed, while the
primary flywheel mass is only slowed later because of the very weak
torsion damper. Therefore, a relative movement occurs between the two
flywheel masses that can become so large that the masses can impact
upon one another with high speed. This can lead to very high peak torques.

primary mass secondary mass vehicle

MI
/

Figure 12: Impact load after quick engagement
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Figure 13 illustrates the torques occurring between the flywheel masses
immediately after the clutch closes as it would occur for an ideal torsion
damper with a very long characteristic curve without impact. These can be
more than double the engine torque depending on the distribution of the
mass.

Typically, the characteristic curve of a DMFW torsion damper ends at
approximately 1.3 times the engine torque. The damper then blocks and an
impact occurs that reaches up to 20 times the engine torque.

T max. torque ~ 20 x max. engine torque

ideal characteristic curve
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Figure 13: Torque curve between the primary and the secondary flywheel
masses after quick engagement for ideal, infinitely long
characteristic curve, as well as for the real characteristic curve
with an impact torque of approximately 1.3 times the engine
torque

Figure 14 illustrates the influence of the engagement time and the impact
torque on the peak torques. The engagement time was the parameter
varied. The figure illustrates that the peak torques are highly dependent on
these parameters. During slow engagement and/or high impact torques,
impacts are practically avoided. Hence, the goal is to lengthen the
engagement time, for example, by installing a valve in the hydraulic release
system.
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A peak-torque-limiter is suited for this purpose. It can greatly reduce the
impact torques by acting as a relief valve.

peak torque [Nm]

Figure 14:

Figure 15:
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engagement time
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Influence of the impact torque and the engagement time on the
peak torques
time [ms]
* Mechanical release system
with steel pedal 15-20
* Mechanical release system
with plastic pedal 3-7
e Hydraulic release system warm 30-70
* Hydraulic release system cold 400 - 1000
e Hydraulic release system
warm, with damping 100 - 250
Typical engagement times for mechanical and hydraulic release

systems
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Figure 15 illustrates typical minimum engagement times during rapid
engagement. Mechanical release systems can engage without slowing,
particularly if they have a light plastic pedal. Even a heavier steel pedal
reduces the peak torques notably. The favorable, minimum — i.e., long —
engagement times are produced by the hydraulic release systems.

If the peak torques cannot be limited over the engagement time, other
measures must be used. Figure 16 lists the known measures. A torque
limiter, which is connected in series to the DMFW damper, has proven the
most effective.

» Stop pin torque high

« Peak torque limiter damping in release system

e Spring rate high (shorten angle)

e Torque limiter

* Reduce clutch torque

* Automated clutch instead of conventional clutch

Figure 16: Measures to reduce peak torques during rapid engagement

New Generations

In the beginning, it was indicated that a DMFW could result in significant
noise and comfort improvements in all vehicles. The apparent additional
costs have prevented broad application of DMFW thus far, particularly for
smaller vehicles, because the numerous secondary advantages were not
yet considered.

Therefore, cost reductions have been the focus of development in recent
years. The most important of these reductions will be covered below.

General Cost Reductions

The metal-forming process for the sheet metal parts was improved, leading
to machining being rendered almost unnecessary in newer designs. In
addition, other cost reductions were achieved through FEA calculations and
optimum material selection.
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